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To analyse the power transmission process of herringbone gear train system supported by rolling element bearings
more accurately, meshing stiffness calculation method is firstly developed through tooth load contact analysis.
The model of mesh impact force and the approach to calculate the equivalent friction torque coefficient in mixed
elastohydrodynamic lubrication state are sequentially derived. The twelve-degree-of-freedom herringbone gear
vibration model is finally established. Upon the consideration of different supporting ways between pinion and
gear shaft, dynamic loads on support bearings are calculated separately. Based on rolling element bearing dynamic
model and internal load distribution on bearings, comprehensive analysis of the vibration transmission process
in meshing gear pair, rolling element bearings, and internal walls of gearbox bearing holes is conducted. Under
the real dynamic load boundary condition, harmonic response and transient response of gearbox are obtained
correspondingly. To evaluate the proposed model approach, a rolling element bearings support herringbone gear
system is adopted to do real closed power flow vibration test. Simulation and experimental results show that the
theoretical analysis in this paper is scientific and reasonable to calculate the dynamic load transfer process, and the
maximum relative deviation between the theoretical results and the experimental data is less than 15%.

1. INTRODUCTION

Herringbone gear sets, also known as double helical gear
drives, are commonly used in transmission systems of marine,
aerospace and other industrial equipment. They offer numer-
ous advantages over general parallel-axis gear trains (i.e. heli-
cal gear and spur gear) including high bearing capacity, smooth
transmission and small axial load. Most common examples of
herringbone gear sets can be found in ship transmissions, jet
engines, and helicopter drive trains. Dynamic loads between
gear teeth are unavoidable in herringbone gear transmission,
and it will also cause vibration of bearing and gearbox.1–3 Dy-
namic analysis is the first step to solve the noise and vibra-
tion problems in the herringbone gear systems.4 Owing to its
widespread use in modern industry, dynamic health monitor-
ing and early fault detection have attracted intensive investi-
gations.5 Therefore, a reasonable and reliable dynamic trans-
mission model needs to be put forward to describe noise and
kinetic quality of herringbone gear systems.

Dynamic characteristics of gear pairs and gearbox have at-
tracted increasing research efforts over the years. Huang and
Liu6 treated a spur gear tooth as a variable cross-section Tim-
oshenko beam to construct a dynamic model; dynamic re-
sponses of a single tooth and a gear pair were investigated.
With the development of nonlinear dynamics, Theodossiades
and Natsiavas7 investigated dynamics of a gear-pair system in-
volving backlash, and several types of periodic steady state re-
sponse were identified by employing suitable methodologies.
Based on the research of Shabaneh and Zu,8 Kang and Hsu9

presented a hybrid method to study the dynamic behaviours

of a gear-rotor system with viscoelastic supports under effects
of the residual shaft bow. Dynamic characteristic analysis of
gearbox is also important for further mastering the stability of
whole transmission system. Li et al.10 simulated dynamical
behaviour of a speed-increase gearbox by using the finite ele-
ment (FE) method. Dbrowski 11 developed a multi-body dy-
namics model of the gears by MSC ADAMS software, and
the simulations were conducted under different operation con-
ditions. However, these studies did not establish a practical
model to describe the whole vibration transfer process about
gear transmission system. In general, there are two types of
vibration transmitting analysis methods commonly used for
gear system. The first one builds the complete FE model
that include gear pairs, shafts, bearings and gearbox to sim-
ulate with initial boundary conditions.12–14 The other one only
set up a gearbox FE model, and calculates dynamic loads of
each bearing hole through lumped mass method.15–18 The for-
mer method obviously will bring high computational cost and
great difficulty in FE grid meshing. And some unique factors
of meshing gears such as corner mesh impact cannot be ob-
tained by simulation using general FE software. By contrast,
the latter is relatively scientific and reasonable due to taking ac-
count both of the efficiency and precision. Generally, this type
method needs to establish a precise vibration transfer model,
but the existing models are much simplified, for example, the
influences of inner ring, roller, and outer ring were neglected,
the results with such simplification may not be of engineer-
ing significance. So one comprehensive approach which con-
siders vibration transfer process from meshing teeth to rolling
element bearings as well as gearbox urgently needs to be pro-
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posed.
The main contribution of this study is developing a rela-

tively better method to analyse the vibration transfer process
of herringbone gear system. And it is organized as follows:
The first segment aims at reviewing the published literatures
on the modelling of the gear pair and gearbox, especially the
vibration noise transmission analysis. Upon the consideration
of the time-varying meshing stiffness, corner mesh impact,
and equivalent friction torque coefficient excitations, the her-
ringbone gear vibration model supported with rolling element
bearings is derived in Section 2. And the lumped mass model
of rolling element bearings and the gearbox FE model addi-
tional including lubrication oil are developed to quantitatively
describe vibration transmissibility in Section 3 and Section 4.
Then, the experimental results and discussions about the vibra-
tion acceleration of the herringbone gear system are exhibited
in Section 5 which is followed by conclusion in Section 6.

2. DYNAMIC MODEL ANALYSIS OF
HERRINGBONE GEAR SYSTEM

2.1. Internal Excitations of Herringbone
Gear

The herringbone gear tooth meshing vibration of transmis-
sion system can be induced by many factors, and the main ex-
citation factors are time-varying meshing stiffness excitation,31

meshing impact force excitation, and tooth surface friction ex-
citation.4

2.1.1. Time-varying meshing stiffness

Loaded tooth contact analysis technology of helical gear was
systematically proposed by ZHANG and FANG19 in 1999. On
this basis, the herringbone gear model for tooth contact anal-
ysis under load is shown in Fig. 1, where every two pairs of
teeth, denoted by I, II and III, IV, are in contact at a specific
instant among the meshing cycle. The tooth surface curve in
the Fig. 1 is in the normal plane along the relative principal
direction. And ik (k = I, II, III, IV ) denotes the contact
point, jk denotes a point along the relative principal direction.
Before the tooth deformation occurs, the clearance between a
pair of contacting tooth surfaces along the relative principal
direction can be determined by a column vector [w]k.

Under load P , the driving gear goes through an approach Z
and the contact load becomes distributed due to tooth defor-
mation. The state of force balance after deformation can be
described by the following equations:

[F ]k[p]k + [w]k = [Z] + [d]k, k = I, II, III, IV ; (1)



n∑
j=1

pjI +
n∑
j=1

pjII = PL

n∑
j=1

pjIII +
n∑
j=1

pjIV = PR

PL + PR = P

; (2)

{
pjk > 0 for djk = 0
djk > 0 for pjk = 0

; (3)

where, matrix [p]k is the contact load matrix; matrix [d]k is the
final tooth clearance matrix; matrix [F ]k is the flexibility ma-
trix. Axial force of two helical gear pairs cannot completely
offset because of the errors of manufacture and installation in
the practical transmission, so the pinion is generally installed
in the form of axial floating installation. The installation struc-
ture diagram of a herringbone gear system is depicted in Fig. 2.

In order to obtain the force balanced state (PL = PR) of
herringbone gear system, the axial movement is superimposed
into the tooth clearance matrix [w]k as shown in Eq. (2).{

[w′]k = [w]k ± [εn] . . . k = I, II
[w′]k = [w]k ∓ [εn] . . . k = III, IV

; (4)

where [εn] is tiny displacement matrix along the principal di-
rection of contact tooth pair; [w′]k is the final tooth clearance
matrix which considers axial displacement. Considering the
axial movement of pinion, the loaded tooth contact analysis
model of herringbone gear is solved from the nonlinear pro-
gramming problem for each contact position.

The elastic deformation including bending, shear, and teeth
contact deformation is commonly caused by tooth surface load,
and the ability to resist this elastic deformation is called single
tooth meshing stiffness.8 In order to get the meshing stiff-
ness, normal contact deformation along the principal direc-
tion of tooth pair is calculated by loaded tooth contact anal-
ysis (LTCA) technology of herringbone gear. Fig. 3 is the de-
tailed process of meshing stiffness calculation method based
on LTCA.

2.1.2. Corner mesh impact considerations with syn-
thetic pitch errors due to meshin

In the gear meshing process, ”meshing synthetic pitch er-
rors“ occur due to transmission error and tooth deformation
under load, and corner mesh impact is unavoidable in teeth en-
gaging in and out processes because the actual contact point
deviates from the theoretical meshing direction. ZHOU and
TANG20 perform the method of ”tooth deformation load pro-
cess” to analyse the characteristics of corner meshing impact.
For the detailed derivation of the impact location and impact
velocity refer to reference.20 The impact model considering
teeth contact ratio for the calculation of corner mesh impact
force is shown in Fig. 4.

For high contact ratio gear pairs, such as helical gear and
herringbone gear, some teeth pairs have already been in the
meshing state when the corner mesh impact happens. Based
on the general impact dynamics theory, impact energy equation
can be given as:{

Ek = 1
2

I1I2v
2
s

(I1r
′2
b2+I2r

2
b1)

= 1
2qs
δ2s + 1

2qr
δ2r

δs = Fs · qs, δr = cos θFs · qr
; (5)

where Ek is the impact kinetic energy; I1 and I2 are rotational
inertia of pinion and gear; vs is the impact velocity at meshing
impact pointD; rb1 is the standard base circle radius of pinion;
r′b2 is instantaneous base circle radius of gear in corner mesh-
ing; qs is the flexibility of corner meshing teeth pair along the
relative principal direction, which can be calculated by LTCA;
qr is the flexibility of normal meshing teeth pairs except the
impact teeth pair; δs is impact deformation on the corner mesh
teeth; δr is impact deformation about the normal mesh teeth; Θ
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Figure 1. Herringbone gear model for loaded tooth contact analysis.

Figure 2. The installation structure diagram of a herringbone gear.

Figure 3. The process of gear mesh stiffness calculation.

Figure 4. The impact model considering teeth contact ratio.

is the angle between the relative principal direction of corner
mesh teeth and normal mesh teeth as shown in Fig. 4.

The corner mesh impact force Fs can be obtained from the
following equation:

Fs = vs

√
I1I2

(I1r
′2
b2 + I2r2b1)(qs + qrcos2θ)

. (6)

2.1.3. Equivalent coefficient of meshing friction
torque

Because of the existence of tooth surface roughness, man-
ufacture and installation error, and other factors, herringbone
gear teeth almost always work under the mixed EHL condition,
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Figure 5. The tooth contact state under mixed EHL.

Figure 6. Schematic diagram of tooth contact trajectoryL.

Table 1. Instantaneous contact of gear pair.

The rotation angle of pinion Meshing line number

0 1, 6, 11
1/5 × ∆τ 2, 7, 12
2/5 × ∆τ 3, 8, 13
3/5 × ∆τ 4, 9, 14
4/5 × ∆τ 5, 10

∆τ 1, 6, 11

where both EHL oil slick (A point) and boundary lubrication
contact peak (B point) occur between meshing teeth surfaces.
It can be seen in Fig. 5.

Based on the modified Coulomb’s law, the magnitude of
friction force is proportional to the nominal tooth load, and
coefficient of friction is determined by the nominal relative
sliding velocity, scrolling speed, and lubricant viscosity coef-
ficient, etc. The comprehensive friction coefficient in the tooth
surface contact point under mixed EHL condition can be ex-
pressed as Eq. (7).

µML = fαµEL + (1− fα)µBL; (7)

where µL is the coefficient of friction in mixed EHL condi-
tion; µEL is the friction coefficient of EHL; µBL is the friction
coefficient under the condition of boundary lubrication; fα is
peak contact load distribution percentage among EHL which
can be found in Zhu and Hu.21 The dynamic parameters are
mainly related to the relative sliding speed, tooth surface load,
dynamic viscosity of lubrication oil etc., the detailed calcula-
tion principles can be found in reference.21

Meshing contact traces of a herringbone gear which are got
from LTCA are shown in Fig. 6.

A total of 14 contact lines is given in Fig. 6, every five in-
tervals are one meshing cycle. Table. 1 is the instantaneous
contact situation, where δτ is the rotation angle in one mesh-
ing cycle.

The equivalent friction torque coefficients of pinion and gear

are shown as:

χpk =

ceil(n+1−k
5 )∑

i=1

τk+5(i−1)∑
j=1

λk+5(i−1),jµk+5(i−1),j ·

·Xk+5(i−1),j · sgn
(
rk+5(i−1),j − rp

)
. . . . . .

(k = 1, 2, 3, 4, 5) ; (8)

χpk =

ceil(n+1−k
5 )∑

i=1

τk+5(i−1)∑
j=1

λk+5(i−1),jµk+5(i−1),j ·

·Xk+5(i−1),j · sgn
(
rk+5(i−1),j − rp

)
. . . . . .

(k = 1, 2, 3, 4, 5) ; (9)

where n is the number of meshing lines from entering to ex-
iting the meshing processes; k is the rotation order number;
τk+5(i−1) is the number of discrete contact points in the k +
5(i − 1) meshing line; λk+5(i−1),j , µk+5(i−1),j , Xk+5(i−1),j ,
rk+5(i−1),j respectively are the load distribution coefficient,
coefficient of friction, friction arm, and the distance from the
centre of pinion to contact point at j contact point of the
k + 5(i − 1) meshing line; rp is pitch radius of pinion; r′p,
r′g are base radii of pinion and gear; ceil is the function for
minimum integer larger than a number; sgn is the ”sign“ or
”signum“ function, with value +1 for positive values, and -1
for negative values.

2.2. Dynamic Model of Herringbone Gear
Considering meshing stiffness excitation, corner mesh im-

pact excitation, and the tooth surface friction excitation, the
herringbone gear vibration model is established as Fig. 7. It is
a two-parameter (stiffness and damping) model with torsional
and lateral vibration, which means that it includes both the lin-
ear and rotational equations of the systems motion. This model
represents a system with twelve degrees of freedom, which
is driven by electric motor torque, and loaded with external
torque. In this study, the pinion is supported by cylindrical
roller bearings, and the gear is supported by tapered roller bear-
ings. Necessary explanation is that the main purpose of this
paper is to study the quality of meshing tooth surface which is
mainly under the consideration of internal excitations, so exter-
nal excitations such as motor torque and other external torques
were neglected.

Twelve degrees of displacement freedom can be expressed
as

δ = (yp1, zp1, θp1, yg1, zg1, θg1, yp2, zp2, θp2, yg2, zg2, θg2)T;
(10)

where yij , zij , Θij (i=p, g; j=1, 2) are the vibration displace-
ments and the vibration angles at the points of Op1, Op2, Og1,
and Og2.

According to the Newton’s law, dynamic equations of sys-
tem can be obtained from Fig. reffig.7.


mp1ÿp1 + cp1y ẏp1 + kp1yyp1 = −Fy1 +mp1g
mp1z̈p1 + cp12z(żp1 − żp2) + kp12z(zp1 − zp2) = −Fz1
Ip1θ̈p1 = −Fy1 ·Rp + Fn1 · χp1 + Tp1 − Fs1 ·Rp

;

(11)
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Figure 7. Dynamic model of herringbone gear pairs.


mg1ÿg1 + cg1y ẏg1 + kg1yyg1 = Fy1 +mg1g
mg1z̈g1 + cg1z żg1 + kg1zzg1 + cg12z(żg1 − żg2)+

+kg12z(zg1 − zg2) = Fz1
Ig1θ̈g1 = Fy1 ·Rg − Fn1 · χg1 − Tg1 + Fs1 ·Rg

;

(12)


mp2ÿp2 + cp2y ẏp2 + kp2yyp2 = −Fy2 +mp2g
mp2z̈p2 − cp12z(żp1 − żp2)− kp12z(zp1 − zp2) = −Fz2
Ip2θ̈p2 = −Fy2 ·Rp + Fn2 · χp2 + Tp2 − Fs2 ·Rp

;

(13)


mg2ÿg2 + cg2y ẏg2 + kg2yyg2 = Fy2 +mg2g
mg2z̈g2 + cg2z żg2 + kg2zzg2 − cg12z(żg1 − żg2)+

−kg12z(zg1 − zg2) = Fz2
Ig2θ̈g2 = Fy2 ·Rg − Fn2 · χg2 − Tg2 + Fs2 ·Rg

;

(14)
where mp1, mp2, mg1, mg2, Ip1, Ip2, Ig1, Ig2 are the mass

and inertia of pinion and gear; Rp, Rg are the pitch radii of
pinion and gear; cp1y , cp2y , cg1y , cg2y , cg1z , cg2z , kp1y , kp2y ,
kg1y , kg2y , kg1z , kg2z are the equivalent support damping and
stiffness which consider rolling element bearings at the points
of Op1, Op2, Og1, Og2; cp12z , cg12z , kp12z , kg12z are axial
equivalent damping and stiffness of undercuts; Fn1, Fn2 are
dynamic meshing forces about right and left helical teeth; Fy1,
Fy2, Fz1, Fz2 are dynamic meshing forces along the mesh-
ing line direction and axial direction; p1, p2, g1, g2 are fric-
tion torque coefficients of pinion and gear; Fs1, Fs2 are corner
meshing impact forces about right and left meshing teeth.

The radial dynamic load Fij(t) and axial dynamic load
Fa(t) in points of Op1, Op2, Og1, Og2 can be obtained as:

{
Fij(t) = kijyyij · · · (i = p, g; j = 1, 2)
Fa(t) = kg1zzg1 + kg2zzg2

. (15)

2.3. Calculation and Analysis of Meshing Vi-
bration

The dynamic parameters of single stage herringbone gear
transmission system are listed in Table. 2.

Table 2. Single stage herringbone gear parameters.

Parameters Pinion Gear

Normal module [mm] 6 6
Pressure angle [◦] 20 20
Spiral angle [◦] 24.43 −24.43
Rating torque [N·m] — 828
Density [g/cm3] 7.85 7.85
Teeth 17 44
Tooth width [mm] 55 55
Drive wheel speed [r/min] 2 000 —

Figure 8. Time diagram of the relative vibration acceleration.

Figure 9. Frequency diagram of the relative vibration acceleration.

Figure 10. Rotation speed diagram of the relative vibration acceleration.
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Figure 11. Vibration response under different excitation.

The relative vibration acceleration along the meshing line
direction is shown in Fig. 8–Fig. 10.

Vibration acceleration of meshing line direction increases
with increasing load which can be concluded from Fig. 8. The
root mean square (RMS) values are 25.10 m/s2, 29.38 m/s2,
and 34.23 m/s2 under corresponding three external torques
of 621 N · m, 828 N · m, and 1035 N · m. The maximum
amplitudes of frequency-domain respectively are 19.94m/s2,
23.71 m/s2, and 27.68 m/s2in Fig. 9, which are at twice the
tooth meshing frequency because they are closer to the res-
onance frequency of 1292 Hz. The RMS values of acceler-
ation peaks in Fig. 10 respectively are corresponding to the
1/3, 1/2 and 1 resonant frequency. And the maximum accel-
eration values under the resonance frequency respectively are
125.92 m/s2, 151.01 m/s2, and 194.05 m/s2. Worthy of at-
tention is that the RMS values of acceleration away from the
resonance peaks continue to rise with the increase in rotational
speed, which is caused by the corner meshing impact force.
This result is consistent with the conclusion in gear manual22

that dynamic load coefficient increased with the work speeds
increasing.

To analyse the vibration effects of each excitation factor,
RMS values of acceleration under different excitations are pre-
sented in Fig. 11, and ”comprehensive excitation“ means the
vibration response considering the three excitations simultane-
ously. It should be noted that ”comprehensive excitation“ are
not the linear superposition of ”three excitations“, so it is big-
ger than the sum of the individual responses.

It is shown that time-varying meshing stiffness excitation
accounts for the major part of vibration response; in contrast,
corner mesh impact excitation accounts for a smaller percent-
age, and teeth friction occupied the smallest proportion. This
conclusion will be helpful in further investigations such as the
tooth surface optimum design of vibration and noise reduction.

3. VIBRATION LOADS TRANSMISSION OF
HERRINGBONE GEAR

Dynamic loads at the equivalent supporting positions of her-
ringbone gear system are calculated in the previous chapter, the
following work is to analyse the vibration transmission pro-
cesses from meshing gear pairs to rolling element bearings,
and the internal walls of gearbox bearing holes.

Lubrication of bearings changes the contact stiffness, damp-
ing and other parameters. The following bearing lubrication

Figure 12. EHL contact model of roller-raceway.

Figure 13. Dynamic load distribution schematic of pinion.

model is established under the consideration of lubricants inlet
zone, Hertz contact zone and lubricants outlet zone.

According to Fig. 12, contact stiffness and damping of sin-
gle roller in EHL state can be expressed as:{

krb = kHkE
kH+kE

crb = cEin + cH
; (16)

where kH , kE are the structural contact stiffness and film con-
tact stiffness at Hertz contact zone; cH is the structural contact
damping at Hertz contact zone; cEin is the contact damping at
lubricants inlet zone.

3.1. Dynamic load distribution and transfer
of pinio

Because the pinion adopts floating installation and the cylin-
drical roller bearing cannot support axial force, the load distri-
bution of the pinion is similar to that of a spur gear transmis-
sion system. To distribute each instantaneous load, the pro-
posed schematic is shown in Fig. 13.

Pinion dynamic loads of left and right supporting cylindrical
roller bearings can be got from the following equations.{

Fpr1(t) =
(l2+H+B)Fp1(t)+l2Fp2(t)

l1+l2+H+B

Fpr2(t) =
l1Fp1(t)+(l1+H+B)Fp2(t)

l1+l2+H+B

; (17)

where l1 is the distance from left helical gear centre to the left
supporting bearing centre; l2 is the distance from right heli-
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Figure 14. Dynamic model of cylindrical roller bearing.

cal gear centre to the right supporting bearing centre; B is the
width of single helical gear; H is the width of undercut.

The kinetic model of cylindrical roller bearing with 2 + jp
degrees of freedom is established in Fig. 14. where jp is the
amount of load bearing rollers.

Displacement freedom degrees of cylindrical roller bearing
can be expressed as:

δp = (ypin, yp1, · · ·, ypn, ypout)T; (18)

where ypin is the vibration displacement of inner ring; yp1ypn
are the vibration displacements of rollers; ypout is the vibra-
tion displacement of outer ring. Eq. (19)–(21) are the dynamic
equations of cylindrical roller bearing vibration model.



mpinÿpin +
n∑
j=1

Fpin j cosψj = Fp(t) +mping

mpj ÿpj − Fpin j − Fpout j = mpjg cosψj

mpoutÿpout +
n∑
j=1

Fpout j cosψj + cpbẏpout+

+kpbypout = mpoutg

; (19)

Fpin j = cpin j(ẏpin cosψj − ẏpj)+
+ kpin j(ypin cosψj − ypj); (20)

Fpout j = cpout j(ẏpout cosψj − ẏpj)+
+ kpout j(ypout cosψj − ypj); (21)

where Fp(t) is the dynamic load on the inner ring of cylin-
drical roller bearing; mpin, mpj , mpout respectively are the
masses of inner ring, single roller and outer ring about cylin-
drical roller bearing; ψj is the load distribution angle; cpinj

,
cpoutj , kpinj , kpoutj are the contact damping and contact stiff-
ness between the bearing race and rollers; cpb, kpb are the sup-
porting damping and supporting stiffness which consider the
gearbox body.

The radial dynamic load F ′p(t) of the gearbox bearing hole
is obtained as:

F ′p(t) = kpbypout. (22)

Figure 15. Dynamic load distribution schematic of gear.

Figure 16. Schematic diagram of tapered roller load distribution.

3.2. Dynamic Load Distribution and Transfer
of Gear

The load distribution of the gears is similar to that of a heli-
cal gear transmission system as the tapered roller bearing can
support both radial and axial forces. Each instantaneous load
is distributed to both sides bearings according to the schematic
about Fig. 15. where αe1, αe2 are the outer race contact angles
of left and right tapered roller bearings.

According to Fig. 16, the force balance conditions in radial
and axial direction are given in Eq. (23).

j1∑
p=1

Q1p cosψ1p cosαe1 +
j2∑
q=1

Q2q cosψ2q cosαe2 =

= Fg1 + Fg2
j2∑
q=1

Q2q sinαe2 −
j1∑
p=1

Q1p sinαe1 = Fa

;

(23)
where j1, j2 respectively are the amount of load bearing rollers
belonging to the left and right tapered roller bearings; ψ1p, ψ2q

(p = 1, ..., j1, q = 1, ..., j2) respectively are the load distribu-
tion angles of left and right tapered roller bearings. The radial
and axial loads of outer ring finally are got by the iterative al-
gorithm, and the detailed flow chart of calculating process is
shown in Fig. 17.

To study the dynamic load transfer processing of tapered
rolling element bearings, the tapered rolling element bearings
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Figure 17. Load distribution calculate processing of tapered rolling element
bearings.

Figure 18. Dynamic model of tapered roller bearing.

kinetic model of 4 + 2jg freedom degrees is established in
Fig. 18. where jg is the amount of tapered rollers which is
under load.

Displacement freedom degrees of tapered roller bearing can
be expressed as:

δg = (ygin, zgin, yg1, zg1, · · ·, ygn, zgn, ygout, zgout)T; (24)

where ygin is the radial vibration displacement of inner ring;
yg1...ygn are the radial vibration displacements of rollers;
ygout is the radial vibration displacement of outer ring; zgin
is the axial vibration displacement of inner ring; zg1...zgn are
the axial vibration displacements of rollers; zgout is the axial
vibration displacement of outer ring.

Eq. (25)–(29) are the dynamic equations of tapered roller
bearing dynamic model according to the Fig. 18.



mginÿgin +
n∑
j=1

Fgin j cosψj cosαe = Fgr(t) +mging

mgj ÿgj − (Fgin j + Fgout j) cosαe = mgjg cosψj

mgoutÿgout +
n∑
j=1

Fgout j cosψj cosαe+

+Fgout cosαe = mgoutg

;

(25)


mginz̈gin +

n∑
j=1

Fgin j sinαe = Fga(t)

mgj z̈gj − (Fgin j + Fgout j) sinαe = 0

mgoutz̈gout +
n∑
j=1

Fgout j sinαe + Fgout sinαe = 0

;

(26)

Fgin j =

cgin j [(ẏgin cosψj − ẏgj) cosαe + (żgin − żgj) sinαe] +

+kgin j [(ygin cosψj − ygj) cosαe + (zgin − zgj) sinαe] ;
(27)

Fgout j =

cgout j [(ẏgout cosψj − ẏgj) cosαe + (żgout − żgj) sinαe] +

+kgout j [(ygout cosψj − ygj) cosαe + (zgout − zgj) sinαe] ;
(28)

Fgout = cgb (ẏgout cosαe + żgout sinαe) +

+ kgb (ygout cosαe + zgout sinαe) ; (29)

where Fgr(t) is the dynamic load on the inner ring of tapered
roller bearing toward radial direction; Fga(t) is the dynamic
load on the inner ring of tapered roller bearing toward axial
direction; mpin, mpj , mpout respectively are the masses of in-
ner ring, single roller and outer ring about tapered roller bear-
ing; αe is the contact angle of tapered roller bearing; cginj ,
cgoutj , kginj

, kgoutj are the normal contact damping and con-
tact stiffness between the bearing race and rollers; cgb, kgb are
the normal supporting damping and supporting stiffness which
consider the gearbox body.

The radial dynamic load Fgr(t) and axial dynamic load
Fga(t) of the gearbox bearing hole are obtained as:{

F ′gr(t) = cosαekgb (ygout cosαe + zgout sinαe)
F ′ga(t) = sinαekgb (ygout cosαe + zgout sinαe)

;

(30)

3.3. Example of Dynamic Load Distribution
and Transfer

The basic parameters of rolling element bearings in herring-
bone gear transmission system are shown in Table. 3.

The inner and outer loads of every bearings are calculated by
the above theory, Fig. 19–Fig. 20 are dynamic loads of cylin-
drical roller bearings, and Fig. 21–Fig. 24 are dynamic loads
of tapered roller bearings.
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Table 3. The basic parameters of roll bearing.

Parameters Cylindrical roller bearing Tapered roller bearing
Left Right Left Right

Diameter of inner ring [mm] 55 55 70 70
Diameter of outer ring [mm] 100 100 100 100

Bearing width [mm] 21 21 20 20
Number of roller 24 24 28 28

Length of roller [mm] 15 15 18 18
Equivalent diameter of roller [mm] 8 8 6 6

Contact angle [◦] — — 11◦53′ 11◦53′

Figure 19. Radial dynamic loads of left cylindrical roller bearing.

Figure 20. Radial dynamic loads of right cylindrical roller bearing.

Figure 21. Radial dynamic loads of left tapered roller bearing.

Figure 22. Radial dynamic loads of right tapered roller bearing.

Figure 23. Axial dynamic loads of left tapered roller bearing.

Figure 24. Axial dynamic loads of right tapered roller bearing.

International Journal of Acoustics and Vibration, Vol. 22, No. 4, 2017 527



W. Feng et al.: NEW METHOD WITH EXPERIMENTAL VALIDATION FOR POWER TRANSMISSION PROCESS ANALYSIS ON HERRINGBONE. . .

It can be seen from Fig. 19–Fig. 24 that the dynamic coeffi-
cients of outer rings are lower than the inner rings. That is be-
cause time-varying contact stiffness of bearing is neglected in
this paper, so the cylindrical or tapered roller bearings played
a role in the vibration and noise reduction of herringbone gear
transmission system. And when we choose rolling element
bearings type for herringbone gear system, not only to consider
the load, speed and other operating conditions, but also should
consider the aspects of vibration isolation and noise reduction

4. FLUID-SOLID COUPLING HERRINGBONE
GEAR BOX VIBRATION ANALYSIS

4.1. Fluid-Solid Coupling Gearbox Model
For the FE analysis of the gearbox, existing literatures23–28

generally only consider the influence of lubrication oil con-
cerning lubrication and cooling. Actually, lubrication oil itself
will affect the natural modal, dynamic response, and other dy-
namic characteristics of the whole gearbox system. The fluid-
solid coupling effect between the gearbox inner wall and lubri-
cation oil is investigated in this paper.

Fluid load is produced in the fluid-solid coupling surface
between the gearbox body and lubrication oil when structure
vibration occurs. So, fluid wave equation and box dynamic
equation must be calculated at the same time.

The fluid is assumed as inviscid, compressible and mi-
crovariations, and kinetic equations of fluid elements with
Galerkin method are shown as:

[Mf ] {p̈}+ ρ [R] {ü}+ [Kf ] {p} = 0; (31)

where:  [Mf ] = 1
c2

[Kf ] =
[R] = ρ

. (32)

Here, [Mf ] is mass matrix of lubricant; [Kf ] is stiffness ma-
trix of lubricant; [R] is the coupling matrix of fluid-solid con-
tact surface; ρ is the density of lubricant; {p}, {u} respectively
are the pressure and displacement vectors of grid nodes; {c}
is the acoustic velocity in fluid medium; {Np}, {Nu} respec-
tively are the shape functions of pressure and displacement;
{Bp} is the gradient derivative of fluid pressure; {n} is the
normal vector of the boundary surface.

Since the gearbox is under the effects of external load ex-
citation and fluid excitation simultaneously, according to the
principle of Hamilton, a unified matrix of fluid-solid coupling
equation is obtained as:

(
[Mg] 0
ρ [R] [Mf ]

)(
{ü}
{p̈}

)
+

(
[Cg] 0

0 [Cf ]

)(
{u̇}
{ṗ}

)
+(

[Kg] [R]
0 [Kf ]

)(
{u}
{p}

)
=

(
{Fg}

0

) ;

(33)
where [Mg] is the mass matrix of gearbox; [Kg] is the stiff-

ness matrix of gearbox; [Cg] is the damping matrix of gearbox;
[Fg] is external load excitation.

Table. 4 gives the parameters of gearbox, and Fig. 25 is the
corresponding 3-D model. where Rp1–Rp6 are the concerned
positions where the vibration acceleration values will be cal-
culated.

Figure 25. 3-D model of herringbone gearbox.

Meshing the gearbox body with SOLID45 finite elements
using ANSYS software, the number of gearbox elements is
78378, the number of gearbox nodes is 21599. And meshing
the lubrication oil with a FLUID30 fluid unit grid, the total
number of elements is 9770, and the number of nodes is 2506.
The fluid-solid contact surface of gearbox and lubricant is cou-
pled through the FSI module of ANSYS.24, 29 All freedom de-
grees of bolts in gearbox feet are fixed according to the actual
installation condition of herringbone gear system.

4.2. Harmonic Analysis Under Real Loads
Harmonic response analysis method is commonly used to

calculate the steady-state response under sinusoidal wave ex-
citation. And harmonic response characteristics under exci-
tations of various frequencies could help designer to evaluate
the kinetic performance of the whole system. The harmonic
response method of ANSYS can calculate the response under
several different phase harmonic excitations which is applied
at the same time and cannot solve the model which is simulta-
neously applied with various frequencies excitations.25, 26

To get the harmonic response characteristics of the con-
cerned positions under the real loads, dynamic loads of bearing
holes in section 3 are expanded into the Fourier series, thus,
harmonic responses of various frequencies can be calculated
respectively.

Time varying loads are expanded to the Fourier function in
Eq. (34). All the corresponding amplitudes and phase angles
of dynamic loads are shown in Table. 5. There is only radial
dynamic load of left cylindrical roller bearing to be listed out
because of the limitation of length.

P = P0 +

3∑
n=1

An cos (nω0t+ ψn); (34)

where ω is the meshing frequency.
Every harmonic component of dynamic loads respectively

are applied in the gearbox according to Table. 5, frequency
responses of equivalent displacement are obtained as Fig. 26a
and Fig. 27a.

To finally get the harmonic response under the real load, har-
monic response results of all frequency components are super-
imposed as Eq. (35).
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Table 4. The parameters of herringbone gearbox.

Gearbox Lubrication oil
Modulus of elasticity Poisson’s ratio Density Acoustic velocity Density

[N/m2] [kg/m3] [m/s] [kg/m3]

2.06 × 1011 0.3 7.8 × 103 1.53 × 103 8.8 × 102

Table 5. Harmonic amplitudes and phase angles of dynamic load.

Frequency Static load Amplitude Phase angle
components P0 [N] An [N] ψn [◦]

1 × ω0

−2795
31.9 11.3

2 × ω0 65.8 −21.6
3 × ω0 6.78 45.2

Figure 26. Vibration displacement harmonic response of point RP1.

f (ω) = f1 (ω) + f2 (2ω) + f3 (3ω) (35)

From the results of Fig. 26b and Fig. 27b, it can be shown
that the tooth meshing frequency did not excite the resonance
of the herringbone gearbox, and this complies with the vibra-
tion design requirement. Furthermore, the resonance ampli-
tude near twice meshing teeth frequency is larger than which
is close to other frequency components in the point of RP1,
and then in the point of RP3, the amplitude value near mesh-
ing frequency is the biggest.

4.3. Transient Analysis Under Dynamic
Loads

The inner wall of the bearing hole is rigidly coupled with
the centre reference point of the corresponding bearing hole.
And the time-varying dynamic loads respectively are applied
to each centre reference point by the APDL program. The FE

Figure 27. Vibration displacement harmonic response of point RP3.

Figure 28. Vibration displacement harmonic response of point RP3.

model with external loads and actual constraints is shown in
Fig. 28.

To get steady dynamic response of herringbone gearbox
structure under complicated dynamic load excitation, solving
the model by ANSYS transient analysis module until conform
to the convergence condition as:
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(a) (b)

(c) (d)

(e) (f)

Figure 29. Vertical acceleration diagram of point RP1 ∼ RP6.

∣∣∣∣SiE − SiSSiE

∣∣∣∣ ≤ ε; (36)

where SiE is the end displacement value of ith solving cycle;
SiS is the begin displacement value of ith solving cycle; ε is
the maximum deviation that can be tolerated.

Setting for a period of 200 meshing cycles, and 50 steps
among each mesh cycle, vertical vibration acceleration and
frequency spectrum of concerned positions respectively are

shown in Fig. 29a–Fig. 29f. They are calculated in condition
of 828 N ·m and 2000 r/min.

Vibration acceleration values in gearbox lugs
(RP1,RP2,RP4,RP5) of bearings are bigger than which
in gearbox feet (RP3,RP6). Meanwhile, twice meshing fre-
quency components account for the major part in the gearbox
lugs of bearings, while components of meshing frequency
account for the major part in the gearbox feet, and this is
consistent with the conclusion in section 4.2.
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Figure 30. Meshing prints of experimental herringbone gear.

5. EXPERIMENTAL MEASUREMENT AND
RESULTS VERIFICATION

To verify the results of theoretical analysis, experimental
gear pairs were manufactured according to five grade preci-
sion. Running-in of the gear pairs was performed to achieve
better meshing quality. As shown in Fig. 30, contact prints of
the teeth surfaces indicate that teeth are in ideal contact condi-
tion.

5.1. Test Equipment and the Scene Layout
In view of the previous open power flow test bench with

power consumption, high costs, serious waste of energy, and
other shortcomings, the closed power flow test bench has been
developed in recent decades, and has the advantages of low
consumption and high stability.30 It is so called closed power
flow that power transmission route is a closed loop, part con-
sumption energy back feeding the system by other forms en-
ergy. Herringbone gear test bench site layout is shown in
Fig. 31a.

The herringbone gear system is driven by direct-current mo-
tor, and the torques are applied in the elastic torsion shafts
through the simple loader. In order to guarantee the agreement
of transmission ratio and centre distance, the master gearbox
is designed exactly the same as test box. The installation po-
sitions of rotating speed/torque sensor and Heidenhain optical
encoders are shown in the following Fig. 31b and Fig. 31c.
The model of Heidenhain optical encoders is ROD280, num-
ber of pulses per rev is 18000, and the measurement accuracy
can reach ±5′′.

5.2. Measuring Principle
5.2.1. Meshing relative acceleration test

A pair of circular gratings respectively are installed in pin-
ion and gear shafts. When the herringbone gear system oper-
ates stably, every instantaneous circumferential angle of her-
ringbone gear are collected owing to PCI8502 acquisition card
of Beijing Art Technology Development Co. Fig. 32 gives the
output sine analogue signal of each channel. When rotating
each reticle the grating outputs one complete sine wave signal.
The signal of channel 0 corresponds with the rotation of pin-
ion, and that of channel 1 corresponds with the rotation of gear.
The sampling frequency of circular grating is 500 kHz.

To analyse the acquired signals, firstly take the zero-crossing
detection method to count the number of samples in each sine
wave (AiAi+1, BiBi+1), and then calculate the radian value
by amplitude of cosine function in Fig. 32. Time continuous
angles can be obtained by Eq. (37).

ϕ (ti,j) = ϕ (ti,j−1) +
360

N
·
(
|θ (ti,j)− θ (ti,j−1)|

2π

)
; (37)

where ϕ(tij) is the angle value for the ith sine wave in the jth

sampling time; N is the grating circumferential groove num-
ber; Θ(tij) is the corresponding radian value for the ith sine
wave in the jth sampling time.

The meshing line displacement can be attained according to
angular displacement multiplied by the respective base circle
radius in Fig. 33. The relative vibration acceleration can be got
through second derivative as shown in Eq. (38).

a12 (t) =
π

180
· ((ϕ2 − ϕ20) · rb1 − (ϕ1 − ϕ10) · rb2)

′′
; (38)

where ϕ1 is the actual rotation angle of pinion; ϕ2 is the actual
rotation angle of gear; ϕ10 is the initial rotation angle of pinion;
ϕ20 is the initial rotation angle of gear; rb1 is the base circle
radius of pinion; rb2 is the base circle radius of gear.

5.2.2. Vibration acceleration test of gearbox

For the specific position of six measuring points on gear-
box refer to Fig. 25. The accelerometer voltage signals are
collected into notebook PC through signal-harvesting device
(M+P) for subsequent filtering, analysis and other process-
ing procedure. The sampling frequency of accelerometer is
16 KHz.

5.3. Comparative Analysis of Test Results
Dynamic transmission error is finally obtained by the above

principle of the circular grating measurements, and dynamic
transmission error is specified in arc seconds. Fig. 34 is in
condition of 828 N ·m, 2000 r/min.

It is clearly seen frequency components including gear shaft
rotation frequency (13.3 Hz), pinion shaft rotation frequency
(34.5 Hz), meshing frequency (566.7 Hz), and twice meshing
frequency (1133.4 Hz) in Fig. 34.

The relative vibration acceleration is finally obtained by
Eq. (38) in Fig. 35.

Total RMS value over all frequency of the herringbone gear
meshing vibration is 32.13 m/s2, and the twice meshing fre-
quency is significant with the value of 23.15m/s2, which is in
accordance with the theoretical result.

Fig. 36 shows the vibration acceleration respond with the
various input rotational speeds, and the maximum rotational
speed is restricted within 2500 r/min due to experimental con-
ditions.

Theoretical data and experimental data are in agreement,
and the visible acceleration peak occurred in the 1/3 resonance
rotational speed.

Fig. 37a–Fig. 37f are the vertical vibration acceleration in
herringbone gearbox reference points of RP1–RP6.

As for the theoretical analysis, the twice meshing frequency
components of acceleration spectrum account for the major
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(a)

(b) (c)

Figure 31. Herringbone gear test rig of closed power flow. 1. DC motor; 2. the master gearbox; 3.coupling; 4.low-speed torsion shaft; 5.Simple loader; 6.test
box; 7. Heidenhain optical encoders; 8.high-speed torsion shaft; 9.rotating speed and torque sensor.

Table 6. Vibration acceleration of the herringbone gear system.

Parameters Theoretical data [m/s2] Experimental data [m/s2] Maximum deviation
621 N·m 828 N·m 1035 N·m 621 N·m 828 N·m 1035 N·m [%]

Meshing acceleration 25.10 29.38 34.23 28.31 32.13 36.54 11.3
RP1 3.85 4.50 5.23 4.43 5.18 6.02 13.1
RP2 3.10 3.56 4.14 3.58 4.12 4.80 15.4
RP3 2.81 3.29 3.83 3.10 3.63 4.22 9.37
RP4 3.89 4.56 5.31 4.48 5.21 6.08 13.2
RP5 3.14 3.67 4.27 3.65 4.29 4.91 14.4
RP6 2.85 3.34 3.89 3.16 3.86 4.31 13.4

Figure 32. Sine wave signals of grating encoder.

part in points of RP1, RP2, RP4, RP5, and components of
meshing frequency account for the major part in points ofRP3,
RP6.

For a more comprehensive verification of herringbone gear
vibration, all positions of theoretical vibration values are
shown in Table. 6 for comparison with the experimental mea-
surements.

The maximum relative deviation between the theoretical re-
sults and the experimental data is less than 15% according to

Figure 33. Measuring principle of the relative vibration.

Table. 6.
In herringbone gear transmission system, vibration acceler-

ation between the meshing teeth is significantly greater than
the gearbox body, and vibration acceleration values in gear-
box lugs of bearing (RP1, RP2, RP4, RP5) are slightly larger
than that in gearbox feet (RP3, RP6). This is consistent with
the characteristics of vibration transfer process from meshing
teeth to gear shafts, to supporting bearings, and finally to gear-
box
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Figure 34. Dynamic transmission error of herringbone gear.

Figure 35. Meshing relative vibration acceleration of experiment.

Figure 36. Meshing vibration acceleration of different rotation speeds.

6. CONCLUSION

This paper has provided a series of appropriate models to
study the dynamic characteristics in herringbone gear trans-
mission system. The models consist of a twelve-degrees-of-
freedom discrete vibration model of herringbone gear pairs, a
transfer model of rolling element bearings, and a FE model of
gearbox. The excitations including varying-time meshing stiff-
ness, corner meshing impact, and teeth friction forces. Vibra-
tion effects analyses of each excitation factor were performed
by solving the herringbone gear dynamic system under differ-
ent excitations.

An example set of analyses were performed to point vari-
ous unique features of herringbone gear transmission system,
and the dynamic forces in the gear contact surfaces and on the
bearings have been calculated for various speeds and torques of
the gear pairs. Experimental studies were used to validate the
theoretical predictions in this paper. The similarity and con-
sistency between simulated and measured signals suggest that
the model can be used efficiently to analyse the vibration trans-
mission process of actual herringbone gear system. The exper-
imental data also reveals that vibration measurement method
by Heidenhain optical encoders and Altai acquisition card is
reasonable and feasible under the given operating condition.

The method presented in this study can not only conve-
niently predict the dynamic behaviour of the system but also
restrict the herringbone gear system vibration and noise in a
small range by adjusting the parameters of gear pairs, bearings
and gearbox, but it mainly focuses on the source and trans-
mission process of the meshing noise, and does not rigorously
explore the effects of bearing nonlinear oil-film force on gear
system vibration transmission. Future work should address a
more accurate model of rolling element bearings by consider-
ing the nonlinear oil-film force used to estimate the gear vi-
bration transmission. And herringbone gear vibration trans-
mission model supporting with sliding bearing also should be
given to enrich the theory.
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